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ABSTRACT
The performance of four CO2 cycle options was measured for three different evaporating temperatures, 7.2,
-6.7, and -23.3°C under the ARI Standard 520 for the condensing units. Four cycle options were a basic cycle, a
cycle with a suction line heat exchanger, a cycle with an intercooler, and a two -stage split cycle. The compressor
used in testing was a hermetic, rotary type two-stage compressor.
The results show that the cycle with a suction line heat exchanger worked better when the suction
temperature was higher. The cycle with a suction line heat exchanger, the cycle with an intercooler and the twostage split cycle improved the COP by 18, 22, and 35% over the basic CO2 cycle at 7.2°C evaporating temperature.
At -6.7°C evaporating temperature, the cycle with intercooler and two-stage split cycle improved the COP by 10 and
40% over the basis CO2 cycle. The cycle operation at low evaporating temperatures was limited by the excessively
high discharge temperature for most cycle options except the two-stage split cycle. Measured volumetric
efficiencies and compressor efficiencies were 0.80 to 0.95 and 0.55 to 0.70, respectively.

1. INTRODUCTION
Since the research on the CO2 cycles were recently revived in early 1990’s, considerable work and
investigation has been devoted to the use of single-stage CO2 cycles in various applications. While initial
experimentation and simulation concentrated on the use of CO2 for mobile air conditioning applications (Lorentzen
et al. 1993; Pettersen et al. 1994; Hafner et al. 1998; Hirao et al. 2000; Preissner et al. 2000), the potential of CO2 in
other applications such as the water heating (Hwang et al. 1998; Nekså et al. 1998, Mukaiyama et al. 2000) and the
air-to-air heat pumping (Aarlieln et al. 1998; Rieberer et al. 1998; Richter et al. 2000) was also investigated.
Connaghan (2002) reported the results of tests for a basic CO2 cycle at various air temperatures entering the gas
cooler. He observed that higher discharge pressures increased evaporator capacity at all conditions tested and
generally increased system efficiency.
The studies on a two-stage cycle for the CO2 cycles can be found from latest literature. Huff et al. (2002)
theoretically investigated three two-stage cycle options for the CO2 cycles. They claimed that a two-stage split cycle
outperforms all other options and showed a 38 - 63% performance improvement over the basic single-stage cycle.
Schiesaro and Kruse (2002) developed a two-stage CO2 supermarket system. They claimed that the theoretical
analysis showed that CO2 is competitive for conventional refrigeration technology but their measured COP was
lower then the theoretically calculated COP. Baek et al. (2002) performed a thermodynamic analysis of the
transcritical CO2 cycle with two-stage compression and intercooling by a computer model. They observed that the
maximum COP of the intercooler cycle occurred at a pressure ratio across the first-stage compressor significantly
larger than the pressure ratio across the second-stage compressor due to the characteristics of the transcritical cycle.
An extensive review of literature indicates that only a few studies were conducted on the performance improvement
of the CO2 cycle by employing two-stage cycles. The current study provides an experimental comparison of four
CO2 cycle options to demonstrate the performance enhancement of a two-stage split cycle over other single-stage
cycle options.
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2. TEST SETUP
The test setup consisted of a condensing unit, an electrically heated evaporator, a PID controller for heaters,
and instruments. The test setup was installed inside the environmental chamber to provide a constant environmental
temperature.

2.1 Condensing Unit
The condensing unit consists of an axial fan, a 1.1 kW capacity CO2 compressor, an expansion valve, a
mass flow meter, and a gas cooler.
The compressor used in testing was a hermetic, rotary type, two-stage
compressor. Two heat exchangers, which served as the gas cooler were connected in parallel with the refrigerant
flow. Heat exchanger was a staggered plate fin-and-tube type heat exchanger having 4 rows with 7 tubes per row.
The specifications of the heat exchanger are as follows:
§ Tube: OD 6.35 mm, ID 4.96 mm, tube pitch 22 mm
§ Fin: thickness 0.152 mm, fin pitch 3.67 mm (136 ea for each row)
§ Dimension: width 500 mm, height 265 mm, depth 50 mm
§ Maximum operating pressure: 14 MPa
§ Air side area: 6.43 m2
§ Material: aluminum

2.2 Electrically Heated Evaporator
6 copper tubes (each 1 m long, 9.5 mm OD, 1.6 mm thick) were connected in series. Two 400 W tape
heaters and four 600 W tape heaters were wrapped around each tube. High temperature grade pipe insulators, which
can stand up to 204°C, were used to insulate the heaters. PID controller was used for regulating the power input to
the heaters to keep the suction temperature constant as required in ARI Standard 520 (1997). It should be noted that
the capacity of the heaters were adjusted according to the cooling capacity at low evaporating temperatures.

2.3 Cycle Options
Schematic diagrams of four cycle options are illustrated in Figure 1. As shown here, four cycle options are
a basic cycle, a cycle with a suction line heat exchanger (SLHX), a cycle with an intercooler and a two-stage split
cycle. The first three cycle options were in a single-stage cycle configuration even though a two-stage compressor
was used. The basic cycle consists of four basic cycle components: evaporator, gas cooler, compressor, and
expansion valve. The cycle with a SLHX has a SLHX, which exchanges the heat between the high temperature
refrigerant exiting the gas cooler and the low temperature suction line, in addition to the basic four cycle
components . The SLHX was a co-axial type (tube-in-tube) aluminum heat exchanger with total length 2 m. Inside
and outside diameter of the SLHX is 8 mm and 10 mm, respectively. The cycle with an intercooler equips the
intercooler between the first-stage and the second -stage compressor in addition to the basic four cycle components.
The same type of heat exchanger used for the gas cooler was used as an intercooler. The split cycle equips three
more components, a secondary expansion valve, a split unit, a mixer unit and an internal heat exchanger in addition
to the components of the cycle with an intercooler. The heat exchanger used as a SLHX was employed as an
internal heat exchanger.

2.4 Instrumentation
In order to understand the behavior of the cycle characteristics, 10 different temperatures at inlet and outlet
of each component were measured by T type in-stream thermocouples. For pressure measurements, seven pressure
transducers were installed into the system. A 3 kW capacity watt meter was connected to the compressor to measure
the power consumption of the compressor. The second watt meter having 1.5 kW capacity was connected to the fan
to measure the power consumption of the fan during its operation. Two 3 kW capacity watt-hour meters were
connected to the electrical heaters to measure the power consumption of the electric heaters. A Coriolis mass flow
meter was installed at the gas cooler outlet to measure the refrigerant mass flow rate. The specifications of the mass
flow meter are 0 to 30 g/s ± 0.15% of full scale.
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Figure 1: Schematic Diagrams of Cycle Options Investigated

3. TEST CONDITIONS
Test conditions were based on ARI Standard 520 (1997) for the condensing units for refrigeration
applications as listed in Table 1. The compressor discharge temperatures of the cycle options excluding the split
cycle were above 120°C for the test condition C. Therefore, the results are compared for the test conditions A and B
only for those cycles. The cycle with a SLHX was tested only under the test condition A because of too high
discharge temperature under other test conditions. Since there is no available test standard for the system with the
SLHX, two different sets of tests were conducted at different suction conditions. Those are:
• Condition 1: Setting the evaporator outlet temperature to be 18.3°C
• Condition 2: Setting the compressor suction temperature to be 18.3°C

Test
A
B
C

Table 1: ARI Test Conditions for Condensing Units for Refrigeration Applications
Tamb (°C)
Psuc (kPa)
Tevap (°C)
Tsuc (°C)
Superheating (°C)
32.2
4,198
7.2
18.3
11.1
32.2
32.2

2,906
1,777

-6.7
-23.3

4.4
4.4

11.1
27.7

4. PERFORMANCE EVALUATION
Performance of each cycle option was evaluated in terms of the refrigeration capacity and coefficient of
performance (COP). The refrigeration capacity was measured from the power input to electrical heaters used in the
evaporator, and it matched with the refrigerant-side evaporating capacity within 3% error for all tests. The COP was
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evaluated from the refrigeration capacity and total power consumed by the compressor and fan motors. In addition
to these system parameters, the compressor performance was also evaluated in terms of the volumetric efficiency of
each stage and the overall compressor efficiency as defined in Equations (1) through (3).

η vol ,1 =
where

mfr1
ρ suc,1 * ( RPM / 60 ) * DISPvol1

? vol,1 : volumetric efficiency of the first-stage
mfr1 : refrigerant mass flow rate of the first-stage (kg/s)
?suc,1 : refrigerant density at the first-stage suction (kg/m3 )
RPM: compressor revolution speed (rev/min)
DISPvol1 : first-stage displacement volume (m3 )

η vol ,2 =
where

mfr 2
ρ suc, 2 * ( RPM / 60 ) * DISPvol 2

(2)

? vol,2 : volumetric efficiency of the first stage
mfr2 : refrigerant mass flow rate of the second-stage (kg/s)
?suc,2 : refrigerant density at the second-stage suction (kg/m3 )
DISPvol2 : second-stage displacement volume (m3 )

η comp
where

(1)

mfr1 * ( h1 d ,ise − h1s ) + mfr2 * ( h2 d ,ise − h2 s )
=
W comp

(3)

? comp : compressor efficiency
h 1s : refrigerant enthalpy at the first-stage suction (kJ/kg)
h 1d,ise: refrigerant enthalpy at the first-stage discharge when the gas is isentropically compressed (kJ/kg)
h 2s : refrigerant enthalpy at the second-stage suction (kJ/kg)
h 2d,ise: refrigerant enthalpy at the second-stage discharge when the gas is isentropically compressed (kJ/kg)
W comp : compressor power input (kW)

4. TEST RESULTS
4.1 System Performance
The test results of the cycle with a SLHX are compared with the test results of the basic cycle as shown in
Figure 2. As shown here, the cycle with a SLHX performs better under the condition 1 than under the condition 2.
Moreover, the cycle with a SLHX shows 18% higher COP than that of the basic cycle. The cycle with a SLHX
under the condition 1 has a 0.9 MPa less discharge pressure than that of the basic cycle at its optimum charge.
However, it also shows that the discharge temperature of the cycle with a SLHX is about 15 K higher than that of
the basic cycle at its optimum charge. Hereafter, data reported for the cycle with SLHX are based on test results
under the condition 1 since it resulted in better performance.
Test results of four cycle options under the test conditions A and B are compared at various discharge
pressures as shown in Figure 3. In Figure 3, closed symbols and open symbols represent data tests under the test
condition A and the test condition B, respectively. The cycle with a SLHX and the cycle with an intercooler have the
similar effect on improving the capacity of the system over the basic cycle under the test condition A. The split
cycle showed the most performance improvement among the cycle options and provided more increased capacity
under the test condition B than under the test condition A over the basic cycle.
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Figure 2: Comparison of the Cycle with a SLHX and the Basic Cycle
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Figure 3: Comparison of Four Cycle Options under Test Conditions A and B
The optimum test results of four cycle options under the test condition A are summarized in Table 2. The
cycle with a SLHX has a positive effect of reducing the discharge pressure but has a negative effect of increasing the
discharge temperature. The cycle with an intercooler has only a reduced discharge temperature. On the other hand,
the split cycle has both the reduced discharge pressure and temperature. The COP improvement of the cycle with a
SLHX, the cycle with an intercooler, and the split cycle over the basic cycle is 18, 22, and 35%, respectively.

Cycle Option
Basic
SLHX
Intercooler
Split Cycle

Table 2: Summary of Test Results – Test Condition A
Pdis (MPa)
Tdis (°C)
Qevap (kW)
W comp (kW)
COP
11.42
98.5
1.959
1.290
1.42
10.52
113.6
2.125
1.175
1.67
11.42
73.5
2.400
1.260
1.73
10.18
60.8
2.499
1.176
1.92

Improvement (%)
18
22
35

The optimum test results of cycle options for the test condition B are summarized in Table 3. Tests were
not able to run for the SLHX cycle option because of an excessive discharge temperature. As shown here, the cycle
with an intercooler has a reduced discharge temperature and pressure as compared to the basic cycle . The split cycle
shows further reduced discharge temperature and pressure by 48 K and 1.1 MPa, respectively, as compared to the
basic cycle. The COP improvement of the cycle with an intercooler and the split cycle over the basic cycle is 10 and
40%, respectively.
International Refrigeration and Air Conditioning Conference at Purdue, July 12-15, 2004

R105, Page 6

Table 3: Summary of Test Results – Test Condition B
Cycle Option
Basic
Intercooler
Split Cycle

Pdis (MPa)
11.3
10.7

Tdis (°C)
110.8
87.0

Qevap (kW)
1.501
1.720

W comp (kW)
1.290
1.307

COP
1.09
1.20

Improvement (%)
10.1

10.2

62.8

2.058

1.215

1.53

40.4

The optimum COPs of four cycle options at each evaporating temperature are compared at various
evaporating temperatures as shown in Figure 4. As shown here, the split cycle shows the highest COP over the
entire evaporating temperatures investigated, followed by the cycle with an intercooler and the cycle with a SLHX.
Moreover, the basic cycle and the cycle with an intercooler were in operation for the evaporating temperature down
to -6.7°C. The split cycle was in operation for the evaporating temperature down to -23.3°C, which is the widest
range of operation. However, the cycle with a SLHX was in operation only for the evaporating temperature at 7.2°C.
The limiting factor of the cycle operation in low evaporating temperature was the discharge temperature.
2.5
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Split Cycle
Cycle w/IC

0.5

Cycle w/SLHX
Basic Cycle

0.0
-30

-20
-10
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Figure 4: COPs of Four Cycle Options at Three Evaporating Temperatures

4.2 Compressor Efficiencies
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Compressor Efficiency
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To evaluate the performance of the compressor, two efficiencies, volumetric efficiency and compressor
efficiency, were evaluated from the measured data. Since the two-stage compressor was used, the volumetric
efficiency was evaluated for both stages. Since only the split cycle was able to operate for three evaporating
temperatures, the test results of the split cycle are presented here. Figure 5 shows the volumetric efficiency of the
first- and second-stage at different pressure ratios. Volumetric efficiencies were 0.80 to 0.95. Figure 5 also shows
the compressor efficiency for different overall pressure ratios and test conditions. The compressor efficiency was
0.55 to 0.70. As can be seen from Figure 5, the volumetric efficiency and the compressor efficiency are changing
almost linear to the pressure ratio.
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Figure 5: Volumetric Efficiency and Compressor Efficiency
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5. CONCLUSIONS
The performance of four CO2 cycle options was measured for three different evaporating temperatures, 7.2,
-6.7, and -23.3°C under the ARI Standard 520 for the condensing units. Four cycle options were the basic cycle, the
cycle with SLHX, the cycle with intercooler, and the two-stage split cycle. The compressor used in testing was a
hermetic, rotary type two-stage compressor. Based on experimental results, the following conclusions are obtained.
•
•
•
•
•
•
•
•

The cycle with a SLHX works better under the condition 1 (evaporator outlet 18.3°C) than under the condition
2 (suction 18.3°C).
The cycle with a SLHX, the cycle with an intercooler and the two-stage split cycle improve the COP by 18, 22
and 35% over the basic CO2 cycle under the test condition A.
The cycle with an intercooler and the two-stage split cycle improve the COP by 10 and 40% over the basic CO2
cycle under the test condition B.
The cycle with a SLHX has the reduced optimum discharge pressure. However, this cycle option results in the
increased optimum discharge temperature.
The cycle with an intercooler has the reduced optimum discharge temperature, but has no effect on optimum
discharge pressure.
The split cycle has both the reduced optimum discharge pressure and temperature.
The split cycle is only the cycle option, which successfully operated at lower evaporating temperatures by
having the reduced discharge temperature.
Volumetric efficiencies and compressor efficiencies are 0.80 to 0.95 and 0.55 to 0.70, respectively.

NOMENCLATURE
COP:
DISPvol:
h:
ID:
mfr:
OD:
P:
Q:
RPM :
SLHX:
T:
W:
?:
?:

coefficient of performance
compressor displacement volume (m3 )
refrigerant enthalpy (kJ/kg)
inside diameter (mm)
refrigerant mass flow rate (kg/s)
outside diameter (mm)
refrigerant pressure (MPa)
capacity (kW)
compressor revolution speed (rev/min)
suction line heat exchanger
refrigerant temperature
power input (kW)

Subscripts
1
first-stage
2
second-stage
amb
ambient
comp
compressor
dis
discharge
evap
evaporator
ise
isentropic
suc
suction
vol
volumetric

efficiency
refrigerant density (kg/m3 )
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